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Paper 4 

ADVANCED-CLASS BOILER FEED PUMPS 
FOR 660-MW GENERATORS 

T. 0. Leith* J. R. McColl* M. L. Ryallf 

The need for totally reliable boiler feed pumps for modern large generating sets has led to the specification 
of pumps capable of surviving dry run and thermal shock conditions. Special design features, introduced with 
the object of improving reliability with minimum effect on performance, are described. The development 
work leading to the adoption of these features and the reasons for the choice of materials and methods of 
manufacture are reviewed. Details of construction to accommodate rapid dismantling and replacement of the 
internal pump assembly are given. A comparison is made between glandless and geared suction booster pumps, 
and the relative advantages are discussed. Recent developments are described, which include the use of a 
suction inducer to improve the performance of the suction stage pump and the possibility of an integrated 

turbo-feed pump running at high speed without a separate booster pump. 

DESIGN PHILOSOPHY 
IT IS A PRIME REQUIREMENT for modern large electrical 
generating sets that outage should be minimal. In common 
with other major ancillary equipment, boiler feed pumps 
must therefore be extremely reliable, and a new generation 
of boiler feed pumps has been developed with this specific 
objective kept clearly in view. 

These pumps, illustrated in section in Fig. 4.1, are 
designed so that contact cannot occur between rotating and 
stationary parts under any condition of operation, even if 
the pump should be run vapour-bound or dry. The pumps 
run at high speed and have only two stages with glands, 
which have been designed to be of minimum axial length 
so that the shaft can be kept short and stiff with a deflection 
that is very small in relation to the relatively large internal 
running clearances provided. 

In addition to the high-pressure stages, there is a 
suction stage in a separate casing, and running at an 
appreciably slower speed, comprising the ‘suction pump’, 
which generates the net positive suction head required 
by the high-pressure pump. 

The device used for balancing axial hydraulic thrust in 
the high-pressure pump is of a type which will not be 
damaged if the pump runs dry. The axial hydraulic thrust 
is opposed and largely compensated by a balance drum, 
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and the residual unbalanced thrust is carried by an 
external oil-lubricated tilting-pad thrust bearing. 

If a pump does have a breakdown, or has to be over- 
hauled during a scheduled outage, it is a specified require- 
ment to be able to get the pump back into service within 
the space of a single shift of 8 hours. For this reason the 
working parts are designed as a removable cartridge 
assembly complete with bearings, and equipment is 
provided to facilitate mechanical handling for quick 
change-over. 

A prototype boiler feed pump embodying these features 
was designed and constructed under a development con- 
tract from the Central Electricity Generating Board 
(C.E.G.B.), London. This pump, after undergoing success- 
ful shop tests, was installed at Ferrybridge power station 
for endurance trials under service conditions as the main 
feed pump for a 500-MW set. 

MAIN PUMP CONSTRUCTION 
The working parts of the pump form a complete cartridge 
inside the pump casing, as shown in Fig. 4.1. The pressure 
containment portion of the casing carries twin suction and 
discharge branches arranged to give maximum symmetry 
with minimum compensation for penetration, while 
uniformity of suction and discharge flow minimizes 
unsymmetrical thermal distortion. Supporting feet are 
arranged on the centre-line to give positive restraint to 
movement in both upward and downward directions, and 
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yet allow free thermal expansion. Lubricated sliding keys 
in cruciform configuration control direction of thermal 
movement and, together with the self-lubricated support- 
ing feet, maintain alignment with the driver even with 
pipe loadings of the order of 50 000 lb ft applied in each 
of three mutually perpendicular planes at the casing 
centroid. 

The forged suction casing is welded to the main barrel 
forging, forming a suction annulus around the pump barrel 
guiding the water from milled ports in the barrel into the 
eye of the first-stage impeller. The suction casing acts as a 
spring, which on final assembly is elastically deflected so 
that the stainless-steel, spiral-wound suction cover joint 
and the mild-steel, copper-coated inner barrel joint are 
made simultaneously, a substantial pre-load being applied 
to both joints. During transient conditions of thermal 
shock the suction casing and inlet guide expand or con- 
tract more rapidly than the heavier section main barrel. 
The initial deflection of the suction casing compensates 
for differing reaction rates and maintains an adequate 
seating load on the joints to prevent leakage. 

The suction casing is thus designed for three conditions 
of loading : 

(1) To give a substantial pre-load on the ring section 
joint. 

( 2 )  For an internal hydraulic pressure loading of 500 
lbf/in2. 

(3) To sustain a thermal shock, with the maximum 
temperature differential between suction casing and 
main barrel not exceeding 200 deg F. 
Fig. 4.1 gives details of the loading system used to 

establish the pre-load on the inner barrel joint. A stress 
analysis was carried out by finite element analysis tech- 
niques, using computer facilities. The structure was con- 
sidered as encastrt along CD (Fig. 4.1), but free to move 
otherwise. This analysis indicated a maximum tensile 
radial stress occurring in the region of point B, the maxi- 
mum tangential stress being in the bore. 

In the analysis for the effect of hydraulic pressure it was 
assumed that the loading acted over the annular area from 
point F to point D. Stress analysis confirmed a general 
picture of low stress levels. The maximum stress in this 
case was again a radial stress occurring at point B. 

From thermal shock considerations, the design is such 
that differential expansion between the suction casing and 
main pump barrel can be catered for through the suction 
casing flexibility. It is necessary to ensure that pre-load 
will be maintained at the inner casing joint during a cold 
shock and that the suction casing will not be subjected to 
excessive stresses during a hot shock. Joint pre-load is 
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unlikely to be lost during a cold shock since hydraulic 
pressure in the suction casing will assist in making the 
joint. During a hot thermal shock the deflection owing to 
differential temperature is additive to the suction casing 
initial deflection. This increases the levels of stresses under 
that loading, the positions of maximum stress remaining 
the same. 

The final theoretical stress levels, obtained from a com- 
bination of the above three loading conditions, were con- 
firmed by strain-gauge tests on a one-third size scale 
model. The basic design stress level of 20 000 lbf/in2 was 
not exceeded. 

Stress analysis using finite element techniques was also 
applied to other areas of the pump casing, including the 
region around the main high-pressure joint, which is of the 
self-sealing type (I)*. 

Since the pump is likely to be cycled about 15 000 times 
during its life, the problem of low-cycle fatigue was 
considered. A quarter-size scale model casing was cycled 
to hydrostatic test pressure 25 000 times, after which it was 
* References are given in Appendix 4.1. 

sectioned for examination and found to be free from cracks 
or deformation. 

A precise procedure has been laid down for hydrostatic 
test with a view to limiting the number of applications of 
maximum hydrostatic pressure to which the casing is 
subjected. 

During manufacture of these pumps, special care is taken 
to ensure that areas of stress concentration are free of 
surface defects. 

INTERNAL CARTRIDGE ASSEMBLY 
If a central generating station has, say, three 660-MW sets, 
internal cartridges for all three main feed pumps must be 
interchangeable. So also must the internal cartridges of the 
six starting and stand-by pumps. For this reason, the 
cartridge is centred in the barrel casing at two locations 
only: at the suction end and at the discharge cover. 

There are two internal ring sections, one of which is 
integral with the suction guide. They are centred to each 
other by radial dowels, near the periphery, which permit 
relative expansion while ensuring concentricity. The ring 

Fig. 4.2. Cartridge withdrawal equipment 
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sections are held together by steel rings-which might be 
regarded as hollow radial dowels-on the circumference. 

The second-stage diffuser is located in the second ring 
section and is centred on the discharge cover, where it is 
sealed by a special piston ring which allows relative 
movements owing to expansion. The pressure differential 
to be sealed by the piston ring is modest, being equal to the 
pressure recovery across the second-stage diffuser, which 
amounts to about 280-300 lb/ina. 

Replacement of a pump cartridge assembly complete 
with integral bearings has been demonstrated as achievable 
within an 8-hour shift, using specially designed hydraulic- 
ally operated withdrawal gear, as shown in Fig. 4.2. The 
conception of the single-shift change-over presupposes 
that a trained team of five men are available with the 
necessary equipment gathered together. Once it has been 
decided to replace a damaged cartridge and all permits to 
work have been cleared, work immediately starts on the 
removal of specially designed quick-release cleading and 
assembly of withdrawal cradle. During the initial 30-min 
period the pump is drained of hot water and force-cooled 
by flushing through with cold condensate until manual 
handling is possible using asbestos gloves. The pump is 
provided with swing-jibs and electric hoists of 1-ton 
capacity to assist in lifting pipework, covers, tools, and 
so on. The spare cartridge is supplied in a cocooned and 
sealed condition to prevent ingress of moisture or foreign 
matter, and it is located on a combined maintenance and 
storage cradle for easy handling. 

PUMP ROTATING ELEMENT 
The pump shaft is made from forged 13 per cent chrome 
stainless steel, heat treated in the vertical position to give 
an ultimate tensile strength of 45 tonf/in2 and minimum 
impact resistance of 25 ft lb Izod. It is ground all over to a 
surface finish of 32 pin c.l.a., excepting at the bearing 
journal positions, where the surface is chromium plated. 
Unplated journals have shown that chrome plating makes 
the journal less prone to damage and gives longer life in 
service (2). To minimize stress concentration effects, there 
is a minimum radius of 3/32 in at any change of section. 
Torque is transmitted to the shaft through Hirth-type 
radial serrations, as shown in Fig. 4.3~. This type of 
coupling has given very satisfactory service for many years 
on small turbo-feed pumps running at speeds up to 10 000 
rev/min and is easily removable with minimum overhung 
weight. Satisfactory static tests were carried out on a full- 
size coupling at 150 per cent full-load torque for a 660- 
MW main feed pump. The coupling was then uprated to 
transmit 210 per cent full-load torque in view of the live 
steam-power capabilities of some of the driving turbines. 
One radial tooth is left uncut, ensuring that the coupling 
can only be assembled in one position, thus maintaining 
dynamic balance on reassembly after removal. The central 
retaining bolt is tightened by means of an electric bolt 
heater. T o  give maximum resistance to fatigue, the bolt is 
made from high-tensile stainless steel, waisted and ground 
all over, including the threads. Should the bolt fail for any 
reason, torque can be transmitted by a screwed security 

I I  1 o c k i n g p I u g ,,,I7 
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Fig. 4.3. Alternative designs of driving coupling 
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sleeve, the screw threads being opposite to the direction of 
rotation. An alternative drive which is being adopted for 
later machines is shown in Fig. 4.3b, in which torque is 
transmitted by splines. 

The pump impellers and gland rotors are all driven by 
splines because these give maximum symmetry of flexural 
stiffness and also ensure consistency of assembly and 
dynamic balance. These are to B.S. 3550:1963, lO/ZO 
diametral pitch with 20” involute angle and major diameter 
fit. This is the simplest spline to manufacture and most 
suitable where maximum centring accuracy is required (3). 
One tooth on each spline is chamfered off at the end to act 
as a reference and to ensure that the rotors are fitted in the 
same position on every assembly. The splines on the shaft 
are flash chrome plated 0.0001 in thick to obviate any 
tendency to galling during assembly and dismantling. 
Radial integrity of the impellers and gland rotors and 
prevention of leakage along the shaft is achieved by making 
a portion of the impeller and gland rotor hubs an inter- 
ference fit on the shaft. The interference region is removed 
as far as possible from the shroud, and a thermal barrier 
introduced in the form of an annular recess in the bore. 
A special gas ring has been developed to allow particularly 
rapid heat input to the interference region of the hub, so 
allowing the rotor component to be removed before much 
heat can soak past the thermal barrier into the impeller and 
gland rotor bodies or into the shaft. The balance drum is 
the only major component on the shaft which is not driven 
by splines. The drum is heated in an oil bath and shrunk 
on during assembly, and is removed when necessary by 
high-pressure oil injection. 

OIL SEALS AND COUPLING GUARDS 
At high rotational speeds it has been found that the air- 
pumping effects caused by couplings, etc., adjacent to the 
inboard journal bearing can aggravate sealing problems. A 
double-seal arrangement, as shown in Fig. 4.34 has been 
found to be effective. Here the area between the two seals 
is kept at atmospheric pressure with a large-capacity vent. 
Any oil which gains access to this locality is drained back 
to the oil sump. The primary oil seal is of the ‘visco seal’ 
screw type, which pumps any oil leakage back into the oil 
sump by viscous pumping action. 

Because of high rotational speeds, disc friction in air in 
excess of 5 hp at the flexible coupling can be anticipated. 
To prevent overheating, the coupling guard cannot be 
totally enclosed. Special attention has to be paid to the air 
circulation arrangement to avoid creating a local depression 
in pressure which can induce oil leaks at the oil seals. 

ROTOR DYNAMICS 
In the past few years much progress has been made in the 
calculation of critical speed, particularly with the ready 
availability of computer facilities. The critical speed of a 
shaft, especially of a shaft running in liquid, is, however, a 
very complex subject. 

For a pump of the class under discussion, operation at 
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or near a critical speed must be avoided when the shaft is 
running in air or in vapour, as well as when it is running in 
liquid. It was a design aim that the first transverse critical 
speed in water should exceed, by a margin of at least 20 per 
cent, the maximum running speed of the pump, and that 
the first and second transverse critical speeds in air should 
be well clear on either side of the minimum and maximum 
running speeds. 

Existing computer programs take into account not 
only the many changes of section along the length of a 
shaft but also lateral stiffness of journal bearings and 
angular stiffness of thrust bearings. Account can also be 
taken of the stiffening effect of leakage flow through run- 
ning clearances at the impeller eye and balance drum. 
However, little account has been taken so far of the 
damping effect of the liquid in these clearances. 

The authors’ company has already made a start on a 
simplified analysis to determine the complete response 
characteristics of a shaft running under the particular 
conditions existing in large high-speed pumps. It has been 
shown that good qualitative agreement exists between 
theory and experiment. The work is now being extended 
to investigate the aspects relating to different bearing 
types and the influence on critical speed of leakage flow 
through clearances. It is the intention in the near future 
to develop a general-purpose computer program to assess 
shaft response and stability data for use early in the design 
stage. 

HYDRAULIC DESIGN 
Advanced-class boiler feed pumps are designed as two-stage 
units, each stage developing 3750 ft head at duty point and 
4500 ft head at no load-roughly double that currently in 
general use for boiler feed pump service. The very high 
head generated per stage involves very high fluid velocities 
in the impellers and diffusers. Therefore precautions must 
be taken to avoid erosion at the impeller tip and cavitation- 
erosion at the first-stage impeller inlet. 

High-speed erosion tests carried out on rigs utilizing 
aluminium and stainless-steel impellers and diffusers 
showed that heads of 4000 ft/stage could be achieved 
without damage, provided that a substantial radial gap 
existed between the impeller and diffuser and that suffi- 
cient net positive suction head was available to suppress 
cavitation in the eye of the first-stage impeller. When the 
radial gap is small, the impeller periphery can be damaged 
by ‘fan tail’ erosion, which is believed to be caused by 
cavitation due to localized high velocity that is largely 
independent of the n.p.s.h. at pump inlet. Increased 
radial gap reduces the local velocity and erosion does not 
occur. 

The axial entry diffuser, with its inherently large radial 
clearance, has therefore a significant advantage where 
high-stage heads are to be developed. Axial entry diffusers 
also enable the pump casing diameter to be reduced by 
about 25 per cent when compared with radial diffuser 
construction, which corresponds to a weight reduction of 
about 40 per cent, and there are secondary benefits in 
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improved behaviour under thermal shock conditions by 
the use of thinner wall sections. 

Reduction in general noise level has been a feature of 
pumps employing axial entry diffusers. 

Normally, the shut-valve power with radial diffusers 
is about 60 per cent of full-load power. However, with 
axial entry diffusers the power absorbed at zero flow is 
about 40 per cent of full-load power, which permits some 
reduction in leak-off quantity. 

Impellers and diffusers are cast in 17 per cent chrome, 
4 per cent nickel precipitation-hardening stainless steel, 
which has very good mechanical properties and excellent 
corrosion-erosion resistance. 

To obtain maximum mechanical integrity and ensure 
repeatability of hydraulic performance, the impellers are 
precision castings produced by the lost wax process 
employing a metal die. The blade profile is defined 
mathematically in tabular form, and thus can be trans- 
lated directly into metal cutting action without inter- 
mediate marking off, which might introduce inaccuracy. 

It was the original intention to manufacture the diffusers 
as lost wax precision castings; but because of size and 
weight limitations these were produced as semi-precision 
castings by the Avnet-Shaw process. It is of interest to 
record that the final impeller and diffuser castings were 
found to be comparable in passage accuracy, although the 
surface finish of the impellers at 80-120 pin c.1.a. was 
slightly better than that of the diffusers at 100-125 pin c.1.a. 

An investigation was carried out subsequently to com- 
pare the physical properties of impellers cast under vacuum 
against those cast in air. The significant difference was that 
the Izod value of the vacuum-poured impeller castings 
was 64 ft lb compared with 30 ft lb for air-poured castings. 
A commercial sand-cast impeller in the same material has 
an Izod value of about 15 ft lb. Further development work 
is proceeding with a view to establishing improved 
methods of producing impeller castings that will enable 
advantage to be taken of the fully developed properties of 
the material without introducing undue complication in 
casting procedures. 

Fig. 4.4. Impeller inspection machine 

Proc lnstn Mech Engrs 1969-70 Vol 184 Pt 3N 

 at UNIV NEBRASKA LIBRARIES on November 24, 2015pcp.sagepub.comDownloaded from 

http://pcp.sagepub.com/


T. 0. LEITH, J .R. McCOLL AND M. L. RYALL 42 

A special-purpose impeller inspection machine, shown 
in Fig. 4.4, has been developed in conjunction with 
P.E.R.A. This is used to check that impeller passage 
dimensions, blade thickness, and profile accuracy lie 
within close tolerances. 

HYDRAULIC THRUST 
For reasons of hydraulic performance, single-inlet 
shrouded impellers were selected. As a direct consequence, 
an unbalanced cumulative axial thrust of the order of 100 
ton is present, acting towards the suction end of the pump. 
Complete and automatic compensation of this inherent 
axial thrust can be achieved by means of a balance disc 
mounted on the shaft which controls leakage through two 
orifices in series, one of variable area depending on the 
axial position of the shaft, to establish an intermediate 
pressure over its own area that exactly counterbalances 
the axial hydraulic thrust generated by the impellers. This 
well-proven device unfortunately becomes completely 
inoperative if the pump is run dry or in the vapour-locked 
condition. 

Partial hydraulic balance can be achieved by an opposed 
impeller configuration or by means of a symmetrical 
balance face on the rear shroud of each individual impeller; 
or alternatively, as in the present case, by means of a 
separate balance drum. With each of these systems an 
external oil-lubricated thrust bearing is provided to absorb 
any residual unbalanced thrust that may be present under 
normal operating conditions. If so desired, the thrust 
bearing can be sized to cater for the maximum thrust that 

might occur on dry run or with disturbed suction 
conditions. 

The balance drum is sized to compensate for about 95 
per cent of the total hydraulic thrust from the impellers 
under normal conditions, leaving about 5 per cent to be 
carried by the external oil-lubricated tilting pad thrust 
bearing. It is, of course, essential to have reasonably 
accurate information on the magnitude of the hydraulic 
thrusts involved. 

Investigations were carried out experimentally on thc 
single-stage pump rig shown in Fig. 4.5. In  this overhung 
pump the impeller attitude on the shaft was reversed, sc 
that direct measurement of radial flow outward or inwarc 
along the back shroud could be undertaken. The magnitudc 
and direction of this flow were controlled by varying thc 
pressure in the chamber at the non-drive end of the shaft 
The effect on the pressure distribution across the bacl 
shroud was assessed from a series of static pressure tappin) 
points drilled in the pump casing. The total thrust gen, 
erated was measured by a calibrated strain-gauged loac 
cell. 

Tests were conducted with differing axial clearance 
between impeller and casing and with a selected number o 
sealing ring running clearances. It was concluded tha 
the most important single factor affecting axial thrust is thi 
impeller-tip pressure acting between the casing and thl 
front and back shrouds. The effect of variations in radia 
flow on the shroud pressure distribution was also of som 
signjficance, and its effect must be taken into account whej 
assessing the hydraulic thrust. 

The thrust bearing housing of the prototype pump i 

Fig. 4.5. Single-stage pump test rig 
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Fig. 4.6. Axial load on t h r u s t  bearing 

designed to accept a load cell so that the thrust bearing 
load can be measured on test over the whole of the 
operating range. The balance drum diameter is selected to 
ensure that the shaft is always in tension and that the 
residual thrust is unidirectional to avoid any possibility 
of axial shuttling of the shaft. In the prototype pump the 
thrust bearing was designed to accept a normal continuous 
thrust of 10 ton in either direction, corresponding to a 
specific loading of 500 lbf/in2 on the pads, and is capable 
of absorbing a transient thrust of 25 ton in either direction 
for short periods. Thrust load data measured in the course 
of shop trials are plotted in Fig. 4.6. 

IMPELLER SEAL AND BALANCE DRUM 
GEOMETRY 

The incorporation of a balance drum, subject to a pressure 
drop of up to 2500 lbf/in2, and having a diameter of 
approximately 10 in, has highlighted the need for a fuller 
understanding of the factors controlling leakage flow, and 
of developing seal labyrinth geometries to achieve mini- 
mum leakage. 

Speed has a significant effect on leakage, and this effect 
was examined theoretically for plain drums, i.e. with no 
serrations, using a method developed from the considera- 
tions described by Yamada (4). Leakage rates over a range 
of speeds, clearances, and pressure drops were measured 
experimentally, initially for plain drums, and the com- 
parison, giving good agreement with theory, is shown in 
Fig. 4.7~2, illustrating the marked effect of speed in reduc- 
ing leakage. In the case of high-speed advanced-class feed 
pumps, the leakage rate through the rotating drum clear- 
ance is 50 per cent lower than it would be if the drum were 
stationary. This is regarded as a further small but signi- 
ficant advantage to be gained from the use of high 
rotational speeds. 

P L A I N  S L E E V E  AND DRUM ( l o i n  dia. 8.5 i n  long)  
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Fig. 4.7. Leakage characteristics 

Alternative types of drum and seal surface geometry, 
including opposed screws and circumferential serrations, 
were tested on a high-speed rig, and a typical comparison 
between the leakage flow through a plain annulus and that 
through an opposed screw configuration is shown in Fig. 
4.76. A plain drum in association with circumferential 
serrations on the static bush was adopted for the pro- 
duction pump as a compromise between manufacturing 
simplicity and optimum hydraulic performance. 

EXTERNAL GLAND DESIGN 
To obtain acceptable periods of maintenance-free opera- 
tion, it has been customary to transform the intractable 
high-temperature, high-pressure shaft sealing problem 
into a relatively simple low-temperature, low-pressure 
gland by means of high-pressure unloading connections 
and cold condensate injection systems. This has normally 
been accomplished at the expense of axial length, and it is 
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a fact that in many conventional designs of boiler feed 
pump the length of the two external glands dominates the 
distance between bearing centres ; in addition, the effective 
pumping section is comparatively short. Glands for 
modern large boiler feed pumps are predominantly of the 
fine clearance floating-ring type, which depend for their 
satisfactory operation on the presence of a hydrodynamic 
water film between the stationary ring and the rotating 
shaft. These floating ring glands also have the advantage of 
being able to accommodate shaft movements during run 
up to speed. In  many cases the gland housing itself is 
angled during manufacture to match the slope of the very 
flexible pump shaft of those earlier pumps, where the shaft 
was designed to run between its first and second trans- 
verse critical speeds, which involved a maximum deflec- 
tion of between 0-02 in and 0.04 in. However, gland designs 
of this type were not acceptable in view of the requirement 
to survive dry running, since continuity of the gland 
sealing-water supply could not be guaranteed. 

Instead, fixed labyrinth bushes having a minimum 
diametral running clearance of 0.02 in were adopted with 
multiple-flow restrictions stacked radially to minimize 
axial length. Bearing in mind that the maximum central 
deflection of the very stiff pump shaft is only 0.003 in, 
there is no possibility of radial contact occurring at the 
gland positions. 

These fixed labyrinth bushes are supplied with cold 
condensate injection under normal conditions of operation. 
In  addition, centrifugally operated standstill seals of the 

Pump discharge D r a i n  O u t l e t  t o  m o t o r  coo ler  ,//I\ \ 1 C o y n g  j a c k e t  

spring-loaded segmental type are incorporated to minimize 
gland leakage when on stand-by duty. 

Under dry run conditions, the fixed bushes will operate 
satisfactorily without an external supply of sealing water, 
and no significant erosive damage will occur when accept- 
ing flashing flow for short periods of time. 

COMPATIBILITY OF MATERIALS 
The proper selection of materials capable of surviving 
high-speed rubbing contact without serious damage was 
considered to be of prime importance. Therefore a 
materials development programme was initiated in which 
different material combinations were rubbed together in a 
water environment with varying contact pressures up to 
150 lbf/in2 and at surface speeds up to 200 ft/s. The 
principal conclusion drawn from these tests was that 
differential hardness between the two materials in contact 
was not the prime factor, but that absolute hardness of the 
stationary material was the most important feature. Plated 
and coated materials, non-ferrous alloys, and austenitic cast 
irons were found to be totally unsatisfactory where a 
combination of high peripheral speed in association with 
high specific loads could be encountered. Fully hardened 
stainless steels of the 17 per cent chrome, 4 per cent nickel 
p.h. and 13 per cent chrome, 1 per cent nickel types were 
found to be acceptably compatible under these severe 
conditions, and these combinations were adopted into the 
final design. A detailed report on these tests is given in 
reference (5). 

Gland chamber  
Rubber -mounted  
t h r u s t  b e a t i n g  

R a d i a l  d i f f d s e r  1 I n t e i r n c d i a t e  Pressure  S ta tor  Bear ing  l u b r i c a t i o n  
d i s t r i b u t i o n  manifold Pump casing cas ing  f r a m e  

c a s i n q  

Fig. 4.8. Glandless suction booster pump 
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TEST PROGRAMME 
The prototype pump was designed to meet the require- 
ments of the main boiler feed pump specification for a 
660-MW subcritical set. However, since endurance testing 
would take place in a 500-MW installation, one of the two 
impellers was reduced in diameter by machining the blades 
between the shrouds. Thus, the pump as a whole would 
match the system resistance line of a 500-MW boiler at its 
designed running speed of 7500 rev/min to ensure that one 
stage was generating its full designed head of 3730 ft. A 
spare set of impellers was provided so that at a later date 
the full-sized impeller could be cut (or renewed if neces- 
sary), and its neighbour replaced and tested at full 
diameter, so providing endurance test data for both 
stages. 

In  the works a full-sized test rig was available, but 
driver horsepower limitations dictated that shop trials 
should be conducted at 3600 rev/min-just below 50 per 
cent of the designed running speed of 7500 rev/min. After 
completion of satisfactory performance tests with hot 
water at 186°C under simulated site conditions, during 
which the predicted efficiency was achieved at duty point, a 
cavitation test was conducted with water at 100°C, boiling 
off to atmosphere. The onset of cavitation was observed 

7f-9 V o l u t e  chamber  

with a suction head of 29 ft, corresponding to a suction 
specific speed of 840.  Fully developed cavitation occurred 
when the suction head was reduced to 21 ft, corresponding 
to a suction specific speed of 10 700. On completion of the 
cavitation test the pump continued to run under fully 
cavitating conditions for a further period of 10 min, during 
which time the suction isolating valve was progressively 
closed until completely shut. The brake horsepower 
absorbed by the pump fell to a very low value, some 10 
per cent of the normal value, and the pump remained in 
service for a further period of 10 min. Both suction and 
discharge pressure gauges indicated zero readings j the 
pump ran smoothly, emitting a mild and not unpleasant 
siren-like note. The pump was then stopped, still in the 
‘dry run’ condition. After re-opening the suction isolating 
valve, the pump was restarted and run for 10 min at rated 
flow. Measurement of performance indicated no deteriora- 
tion and subsequent examination of internal components 
revealed no damage. 

Following installation as the turbine-driven main boiler 
feed pump in a 500-MW set at Ferrybridge power station, 
the unit has run for approximately 220 h, feeding the boiler 
at loads ranging from 420 to 480 MW in an entirely 
satisfactory manner. 

R e s t r i c t i o n  b u s h  

Fig. 4.9. Gear-driven glanded suction booster pump 
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CHOICE OF SUCTION PUMP 
The stiff-shaft, two-stage concept defmed for the main 
high-pressure pump, coupled with design constraints on 
hydraulic proportions and physical dimensions, implies 
high rotational speed that necessitates a net positive suc- 
tion head well in excess of that available from the high- 
level de-aerator storage vessel. It is therefore necessary to 
provide a suction booster pump running at a lower speed, 
driven by an independent driver or through gears from the 
main pump driver. For accessibility reasons it was con- 
sidered undesirable to have a reduction gear unit driven 
from an extension of the main pump shaft. At that time it 
was also felt to be undesirable to take a secondary power 
off-take from the non-drive end of the boiler feed pump 
turbine. Bearing in mind that the 'dry run' capability also 
applies to the suction pump, the ready availability of 
suitable glandless electric motor-pump designs led to their 
adoption for suction booster duty. They were considered to 
be eminently suitable for this duty because of the absence 
of an external gland. Three 50 per cent duty glandless 
pumps were selected, two working and one stand-by. 
Each pump was designed to be able to run out in load to 
match turbine m.c.r., whilst the stand-by suction pump 
starts and runs up to full speed in the event of failure of 
one of the working pumps for any reason. 

The sectional arrangement of a two-pole 3.3 kV 840- 
b.h.p. glandless suction pump forming part of a 660-MW, 
three-pump installation is illustrated in Fig. 4.8. The 

basic design of these pumps has been fully described (6), 
although in the installation currently under consideration 
it was possible to select a higher running speed of 2950 
rev/min by incorporating a suction inducer to improve 
suction performance, which resulted in appreciable cost 
savings. 

Subsequently, it has become practicable to obtain a 
secondary power off-take from the high-speed shaft at the 
non-drive end of the boiler feed pump turbine. A glanded 
suction pump driven through gearing can be used without 
loss of accessibility for quick change-over ofthe main pump 
cartridge. The pump illustrated in Fig. 4.9 is of the 
single-stage, end-suction type, requiring only one external 
gland similar in design to that employed on the main 
pump. 

It is important to recognize that the gear-driven suction 
pump is a variable speed unit, as is the main pump, 
whereas the independent suction pumps are constant- 
speed units. It is thus vital to ensure that the head 
developed by the gear-driven glanded suction pump when 
running at reduced speed is adequate to meet the require- 
ments of the main pump. 

The design criterion adopted in the present case, where 
independent suction pumps are employed, was that the 
pressure supplied by the main pump inlet branch from 
the suction pumps should be sufficient to provide at least 
twice the net positive suction head at which the onset of 
cavitation occurs at the main pump. 

Meta l  'O'ring 
j o i n t  T u r b i n e  c a s i n g  Turb ine  

Water - lubr ica ted  S e l f - s e a l  W a t e r - l u b r i c a t e d  ( j o ur;;: ,"e a r  i n g j o i n t  j o u r n a l  b e a r i n g  

"\ Pump 

Proc lnstn Mech Engrs 1969-70 

 at UNIV NEBRASKA LIBRARIES on November 24, 2015pcp.sagepub.comDownloaded from 

http://pcp.sagepub.com/


ADVANCED-CLASS BOILER FEED PUMPS FOR 660-MW GENERATORS 47 

FUTURE DEVELOPMENTS 
When the design concepts described in this paper are fully 
proven under service conditions, it will be natural for users 
to reap the benefit of the improved reliability of boiler feed 
pumps by reducing stand-by capacity which a prudent 
operator provides to minimize the possibility of main plant 
outage owing to non-availability of an essential auxiliary. 
This has already come to pass in later 660-MW sets for 
C.E.G.B. new construction, where only one 50 per cent 
duty starting and stand-by pump has been envisaged in 
addition to the main turbo-feed pump. On certain future 
projects, only one 15 per cent duty starting pump is 
envisaged with no stand-by capacity. 

It is equally natural that pump specialists should plan 
for further improvements in boiler feed pump design. 
One promising line of investigation relates to a turbine- 
driven pump in which the boiler feed pump and its driving 
turbine are integrated as a single unit. In  tfie normal 
arrangement of turbine-driven pump, both the pump and 
the turbine are provided with external oil-lubricated thrust 
bearings. By solidly coupling the pump and turbine 
shafts, the pump thrust bearing can be eliminated. With 
the satisfactory development of water-lubricated journal 
bearings, it is possible to eliminate external glands on the 
pump. Thus, the only oil-lubricated bearings in the com- 
posite machine would be the common thrust bearing and 
the journal bearing at the non-drive end of the turbine. 

The development of suction inducers to improve 
suction performance should make it possible to avoid the 
need for a separate suction booster pump whilst still 
permitting a high rotational speed to be maintained. 

The resulting integrated turbo-feed pump is illustrated 
in Fig. 4.10, which embodies the essential design features 
for reliability and quick change-over of the internal cart- 
ridge. The dry running capability requires continuity of 
the water supply to the water-lubricated bearings, but this 
can be provided for a limited but acceptable period of time 
by storage. 
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